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Abstract
A radial flow rotor with radially aligned straight blades, used in electric motor cooling, has been considered as datum fan.
The aerodynamic performance and acoustic behaviour of the datum fan have been measured, in order to establish a basis
for redesign. As replacement for the datum fan, an axial flow shrouded rotor with skewed blades has iteratively been
designed, involving computational fluid dynamics and computational aero-acoustics tools. The aim of redesign was
reducing fan noise and moderating motor shaft power absorbed by the fan, while retaining the original cooling performance. Special flow features have been taken into consideration in three-dimensional axial rotor design, such as leakage
flow in the axial clearance between the rotor shroud inlet and the perforated cover, and strong radial flow as well as
deviation due to the motor shield located close downstream. The axial rotor has been manufactured via rapid prototyping. Measurements on the prototype confirmed the achievement of the redesign goal. The effect of axial clearance size
on the operation of the axial rotor has been investigated by computational fluid dynamics, computational aero-acoustics
and experimental means. It has been pointed out that the axial clearance size is a sensitive parameter in influencing fan
aerodynamics and aero-acoustics, for which the major mechanisms, associated with the leakage flow, were qualitatively
identified. Both the computational and experimental studies revealed the existence of an acoustically unfavourable
clearance size, for which maximum noise emission can be expected. A semi-empirical model was outlined as starting
point in prediction of cooling flow rate as a function of axial clearance size as well as other parameters.
Keywords
Electric motor cooling fan, radial flow fan, axial flow fan, leakage flow, noise reduction
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Introduction
Electric motors are often cooled by fan rotors
attached to the rear end of motor shaft. Examples
for typical rotors and the related ﬂow paths are presented in Figure 1. The proportion of dimensions in
the sketches does not truly correspond to reality, for
better visibility. The air enters the fan via a perforated
cover in front of the rotor, directing the cooling airﬂow towards the cooling ribs located at the motor
circumference. In a traditional layout, the cooling airﬂow is generated by a radial ﬂow rotor. The radial
rotor is equipped with a back-plate, on which the
radially aligned straight blades are installed
(Figure 1(a)). After a quasi-axial inlet, the ﬂuid is
diverted radially outward along the back-plate, and
is redirected toward the axial direction by the cover.
Such a radial rotor has the main advantages of having
a simple, easy-to-manufacture geometry, and unidirectional operation, i.e. the ﬂow direction does not
depend on the direction of rotation. However, the
simple blade geometry results in extensive ﬂow

separation, increased aerodynamic loss and pronounced noise.
The electric motors in point often operate in an
environment where noise emission is to be limited,
e.g. in building service engineering for residential
buildings. Furthermore, the available shaft power
provided by the motor is desirable to be maximised,
in order to improve the competitiveness of the product on the market. Therefore, the manufacturer of the
motor may initiate the reduction of noise emitted by
the cooling fan, as well as reduction of shaft power
absorbed by it, whereas retaining the original cooling
1
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(b)

Perforated cover
Motor
Rotor

cx

Inflow

(a)

Motor shield

Figure 1. Photo of rotors and simplified meridional scheme of flow paths: (a) radial flow–datum–rotor; (b) axial flow–newly
designed–rotor, with indication of axial clearance.
Source: reproduced with permission from Vad et al., 2011.12

performance. A possible means is replacing the
radial rotor with an appropriate axial ﬂow rotor
(Figure 1(b)), as suggested in Borges.1 In this case,
the ﬂuid passes the rotor nearly axially, and is
diverted radially outward by the motor shield. If the
motor shield is located close downstream of the rotor,
a signiﬁcant radial velocity component already develops inside the rotor.
When designing an axial fan for replacement of an
existing radial fan used for motor cooling, a number
of aspects, undiscovered in the open literature, are
found, as overviewed below.
Only very few publications have reported on electric motor cooling fans.1,2 The literature on radial
ﬂow rotors with truly radially shaped straight
blades, or, in more general, on radial ﬂow blade
rows with extremely high incidence, is very limited.2,3
Such reports are conﬁned to the brief presentation of
rotor geometry,2 occasionally supplemented with a
basic aerodynamic survey.3 The studies are conﬁned
either to acoustic2 or to ﬂuid mechanical aspects,3
lacking in the combination of the two. To the authors’
best knowledge, no information is available in the
open literature on characteristic and eﬃciency curves
of radial ﬂow motor cooling fans.
Aerodynamics- and aero-acoustics-related reports
on axial ﬂow automotive cooling fans, operating in
a conﬁned environment, may provide valuable information for redesign.4–9 However, the results cannot be
fully adapted to electric motor cooling fans, due to the
following geometrical diﬀerences in the conﬁned rotor
environment: (i) presence of the perforated inlet
cover, (ii) presence of the shield of the electric
motor, located extremely close downstream of the
rotor. These geometrical constraints inﬂuence the
three-dimensional (3D) ﬂow ﬁeld upstream, inside
and downstream of the fan blade passages, and such
3D phenomena are to be considered in blade design.
Rotors of industrial axial fans, often incorporated
in a ducted conﬁguration, are characterised by a
radial clearance between the blade tip and the casing
wall. The behaviour of ﬂow near the blade tip of the
fan rotor, exhibiting a radial clearance, has been a

subject of extensive research.10,11 Nevertheless, the
axial rotors applied for cooling of electric motors
are shrouded, and an axial clearance of size cx is present between the perforated inlet cover and the inlet
rim of rotor shroud (see Figure 1(b)). To the authors’
best knowledge, the aerodynamic and acoustic eﬀect
of axial clearance in electric motor cooling fans has
not been studied so far by others.
The authors intend to share their novel experiences
gathered in the topics outlined above. The present
paper gives a summary on an industrially initiated
research and development (R&D) project, aiming at
redesigning an existing – datum – radial fan rotor to
that of an axial one. To this end, the aerodynamics
and acoustics behaviour of the datum radial fan and
the newly designed axial fan have experimentally been
investigated. For the axial rotor, special attention has
been paid to the eﬀect of axial clearance size. The
design and survey of the axial rotor has been aided
by a validated computational ﬂuid dynamics (CFD)
tool, supplemented with computational aero-acoustics
(CAA) simulation. Basic ﬂuid mechanical considerations have also been involved while elaborating a
semi-empirical model for prediction of leakage ﬂow
rate through the axial clearance. The geometrical,
measurement and computational details of the fans
are disclosed herein in a limited manner, for conﬁdentiality reasons. Preliminary studies in the topic of the
paper were published in Vad et al.12,13

Survey on the radial flow datum fan
The datum radial fan rotor is presented in Figure 1(a).
The characteristics of the radial fan are summarised in
Table 1. The rotor has been subjected to aerodynamic
and acoustic experimentation in the built-in conﬁguration, in order to establish a target operational point
and quantitative guidelines for redesign. The test rig,
capable for characteristic curve and eﬃciency measurements, is presented in Figure 2. Although the fan
operates only in one particular operating point in a
given set-up, extensive characteristic curves have been
measured, in order to provide optional information
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on how the fan can collaborate with various perforated inlet covers of various aerodynamic resistances.
The atmospheric pressure is measured by means of a
digital barometer. A high-pressure fan of variable
speed, serving as a booster fan, supplies air to the
system. In order to win over the losses in the facility,
the application of this booster fan is obligatory for
measuring operational states at which the total pressure upstream of the perforated cover is atmospheric –
as in the real operational state. The cooling volume
ﬂow rate qC is measured by means of a ﬂow metering
pipe with a built-in standardised through-ﬂow oriﬁce
meter.14 The diﬀerential pressure on the oriﬁce meter
is measured by means of a digital manometer, calibrated to an oﬃcially certiﬁed Betz micromanometer.
The air moves from the oriﬁce meter pipe to a measurement pipe, ﬁtting to the diameter of the cooling fan
cover, and connected to it in a gastight manner.
Preliminary studies revealed the following: (i) the
measurement pipe causes negligible departure from
the realistic inlet condition, being that of a free inlet
which sucks air from the surroundings; (ii) the oriﬁce
meter does not cause any detectable disturbing eﬀect
in the measurements taken in the measurement pipe
upstream of the cooling fan. The temperature in the
measurement pipe is measured by a calibrated resistance thermometer. The two-pole asynchronous electric motor operates without loading on the front end
of the motor shaft (idle running). The air sucked from
the measurement pipe through the perforated cover is
exhausted over the cooling ribs. The motor speed is
measured on the shaft by means of a digital stroboscope. The mechanical power input to the cooling fan
is estimated from the measured motor speed, with
knowledge of the high-resolution motor characteristic

Table 1. Radial fan characteristics.12
N
Re
Ma
n
n

11
1.51  105
5.29  102
0.123
0.322

Stroboscope Motor Measurement pipe

curve (mechanical power delivered by the motor as a
function of speed). The operational state of the cooling fan is adjusted by the speed of the booster fan.
The fan total pressure rise has been obtained as
follows
pt ¼ pt down  pt up

ð1aÞ

pt down has been estimated with use of the following
relationship
pt down ¼ pa þ 

v2x down
2

ð1bÞ

In equation (1b), the static pressure has been taken
as atmospheric pressure pa, considering that the blowout is to the atmosphere. Furthermore, since the cooling ribs eliminate the swirling component of the outlet
velocity, the dynamic pressure has been calculated
from vx down , the axial mean velocity downstream of
the fan. vx down has been derived as qC divided by the
blow-out cross section at the outlet of the perforated
cover.
pt up has been estimated as follows
pt up ¼ pt pipe  p0cover

ð1cÞ

For equation (1c), the total pressure in the measurement pipe, pt pipe, has been obtained as the static
pressure measured in the measurement pipe
upstream of the cooling fan cover, plus v2x up =2.
The static pressure upstream of the cooling fan
cover, relative to the atmospheric pressure, has
been measured in the measurement pipe, three pipe
diameters upstream of the cover. This pressure was
measured through four static pressure taps connected to a common piping, by means of a digital
manometer also calibrated to the Betz meter. vx up
has been derived as qC divided by the measurement
pipe cross section. The static pressure drop through
the perforated cover, p0 cover, was measured during
a separate experiment, by using the facility presented
in Figure 2, but excluding the motor, and driving
the air through the perforation by means of the
booster fan.

Thermometer

Orifice meter

Booster
fan
Inflow

Manometer

Manometer

Figure 2. Scheme of facility for characteristic curve and efficiency measurement for the radial flow datum fan.12
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The experimental uncertainty has been estimated
according to the instructions e.g. in ISO 5167-1:2003
and ISO 5167-2:2003,14 with consideration of propagation of errors, for the vicinity of the nominal operating state used in redesign. The study of Vad
et al.15,16 are given as references for uncertainty estimates. Table 2 summarises the absolute uncertainty of
the measurement-based dimensionless quantities
appearing in the paper, valid at a 95% conﬁdence
level. Whenever visible, the uncertainty ranges in
Table 2 are indicated in the diagrams in the paper,
using error bars over the entire measurement range.
Considering the nominal geometrical data, the
nominal axial clearance between the inner surface of
the perforated cover and the front enveloping plane of
the radial rotor is &0.2dt. Experimental data on the
radial rotor are presented in the paper for this nominal clearance. The axial clearance may slightly be
modiﬁed due to manufacturing and assembling tolerances. Based on preliminary experiments, it has been
considered that the size of the axial clearance has only
a minor eﬀect on the behaviour of the radial rotor at
usual operation.
Figure 3 presents the measured characteristic and
eﬃciency curves of the radial rotor. In the real environment, the cooling fan sucks air from the motionless
ambient air ﬁeld, having total pressure being equal to

the atmospheric pressure. Therefore, the nominal
operational state of the fan is imitated in the test facility when the total pressure in the upstream measurement pipe is just equal to the atmospheric pressure.
Accordingly, the nominal operational state has been
identiﬁed at the ﬂow rate of n at which pt pipe –
pa ¼ 0, i.e. S() takes zero value. The corresponding
point on the () characteristic curve, i.e. n(n),
speciﬁed in Table 1, serves as a basis for redesign.
The total eﬃciency  has been calculated as
follows
t ¼

Location

Quantity

Uncertainty

Figure 3
Figure 3
Figure 3
Figure 3
Figure 8(b)
Figures 9(a) and 10
Figure 9(a)
Figure 10



1  103
3  103
3  103
2  102
3  103
4  103
5  102
0.5 dB

S

Zt

cx/dt
C/0
SPL

SPL: sound pressure level.

Ψn(Φn)

ð2Þ

It has been considered that
t ¼ h V

ð3Þ

The isentropic total pressure rise pt is has been
estimated on the basis of the Euler equation of turbomachinery, with consideration of slip factor correction judged in Lakshminarayana17 (p. 126, Fig. 2.43)
to be reasonably accurate for impeller blades having
radially aligned trailing edge (TE). The hydraulic eﬃciency h has been obtained as follows
h ¼

Table 2. Absolute experimental uncertainty.

pt qC
P

pt
pt is

ð4Þ

The volumetric eﬃciency has been deﬁned as
follows
V ¼

qC
qR

ð5Þ

With use of the calculated t and h data, the volumetric eﬃciency V has been calculated on the basis of
equation (3) as V ¼ t/h.
As suggested in Figure 3, the estimated V data
increases nearly linearly with the ﬂow rate. The
more the  the less the throttling on the fan;
the more the V the lesser will be the inclination of

ηt
ηh
ηV

Ψ
ΨS
Φn
Φ

Figure 3. Performance curves of the datum radial fan. Left: characteristic curves, right: efficiency curves.12

Φ
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the fan for reverse leakage ﬂow in the clearance
between the rotor and the cover. The V values vary
within the approximate range of 0–0.6. These values
are relatively low in comparison to usual radial fan
arrangements (e.g. V ¼ 0.94 in Carolus,18 p. 129).
This implies that the volumetric loss, associated with
the reverse leakage ﬂow, plays a major aerodynamic
role in the judgement of fan operation. Therefore,
special attention will be paid to the leakage ﬂow in
fan redesign. It is also marked that the h values vary
within the approximate range of 0.2–0.35, and are
relatively low in comparison to usual radial fans
(e.g. h ¼ 0.83 in Carolus,18 p. 129) owing to the
blade geometry being far from aerodynamic
optimum.
Acoustical investigations were carried out on the
datum radial fan, for the idle running state of the
motor, in the reverberation chamber of the Georg
von Békésy Acoustic Laboratory, operated by the
Department of Fluid Mechanics, BME. The aim of
these studies was to point out the main sources of
noise generation. The applied instrumentation was a
Brüel&Kjaer 4133 microphone and a Brüel&Kjaer
PULSE 3109 type data acquisition system. The measurements were carried out in accordance with the
standard.19 The following conﬁgurations are discussed herein: (a) motor alone (without fan rotor
and without cover), (b) motor with both fan rotor
and cover, as shown in the sound pressure level
(SPL) spectra in Figure 4. The SPL values have
been presented in the ﬁgure in comparison to a representative basic level. Only the 0 to 3.2 kHz range is
presented for better visibility. The noise of the
electromotor is principally generated by mechanical
(unbalance, roller bearing, etc.) and magnetic (magneto-striction) components. The noise signature is
indicated in the spectra by tonal components, which
peak out of the broadband noise at approximately
50 and 100 Hz and their harmonics.
The spectra conﬁrm the dominance of fan noise,
underlining the possibilities for noise reduction via
redesigning the fan. The fan rotor is characterised
by broadband noise extending to some kilohertz.

(a)

dB

No remarkable tonal noise is dedicated to the fan.
This behaviour meets the expectations given that the
set-up does not provoke the appearance of remarkable classic tonal noise sources. That is, the rotor
blades are non-uniformly spaced (see Figure 1(a))
for moderation of ‘steady loading noise’, also
termed as Gutin noise.18 Furthermore, no remarkable
stator (e.g. guide vane) elements are present, contributing to elimination of ‘unsteady loading noise’ due
to any rotor–stator interaction.18 On the basis of the
discussion by Carolus,18 it is assumed that the
detected broadband fan noise is dominated by wake,
boundary layer and separation noise sources, in
accordance with the aerodynamic drawbacks of the
applied blade geometry. From the perspective of
axial fan design, the following conclusions have
been drawn from the acoustic survey. (i) Blade skew
is to be incorporated in the design18 for suppressing
the tonal fan noise further on. Having applied the
blade skew, no further eﬀorts are planned for study
and moderation of tonal noise. (ii) Instead, the acoustic design and the supporting CAA tool are to focus
on broadband noise sources (BNS). (iii) Attention is to
be paid to possible moderation of noise related to the
leakage jet, blade wake and boundary layers – even
subjected to separation – by appropriate design.

CFD and CAA technique for the
axial rotor
The design process has been aided by CFD as well as
by CAA means. As the investigation has been
initiated by an industrial R&D project of strict schedule, the use of a quick and cost-eﬀective means of
investigation is necessary. Earlier experiences in successfully applying Reynolds-averaged Navier–Stokes
(RANS) steady-state CFD simulations in combination with BNS models20 has encouraged the use of
this investigative method here as well. No concerted
CFD and CAA data have preliminarily been available
for axial ﬂow electric motor cooling fans. Therefore,
the use of relatively easy and quickly accessible, yet
fairly eﬀective, CFD and CAA methods, involving

(b)
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Figure 4. Measured SPL spectra: (a) motor alone; (b) motor with radial flow rotor and cover.12
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commercially available software tools, was judged as
being a signiﬁcant contributor to the State-of-the-Art
in the design and analysis of such fans. Steady ﬂow
simulations were carried out using the ﬁnite-volume
CFD code ANSYS Fluent.21 The CFD tools available
in ANSYS Fluent have repeatedly been used to successfully simulate turbomachinery in similar applications, as can be seen in Borges.1 Prior to axial rotor
modelling, validation studies were carried out on the
basis of the radial rotor. The literature on turbomachinery CFD simulations22 as well as previous experiences12,13 have shown that from among the available
two-equation turbulence models, the k-! SST model
is expected to provide the best ﬁt to experimental
results in this application. This was conﬁrmed in the
radial rotor investigations, and therefore this turbulence model has been used in the axial rotor
simulations.
Sensitivity studies were carried out on setting the
extension of the blow-out zones to various sizes. In
the ﬁnal CFD model, independence from the blowout zone size has been achieved. At the sides of the
blow-out zone, the boundary condition was ‘pressureoutlet’. Figure 5 presents the computational domain.
Taking periodicity into consideration, the computations regarded only one blade pitch. Utilising the features of the annular cascade conﬁguration, boundary
conditions of periodicity were applied. The inlet face is
a sector of a virtual cylindrical inlet pipe, corresponding to the measurement pipe in Figure 2, with a central
angle of 360 /N. Downstream of the inlet face, sectors
of the fan cover and the rotating hub, with one blade in
the middle of the domain, are included. At the inlet
face, located upstream of the fan casing, within the
suction pipe, a steady pressure inlet is deﬁned. The
inlet turbulence intensity has been set to 10% and
the hydraulic diameter was set to the diameter of the
virtual cylindrical inlet pipe, in order to reproduce
former experimental experiences. The perforated part
of the inlet cover is reproduced using a porous material. Approximately 50% of the cells are located in the
reﬁned domain in the vicinity of the blade. The computational domain embedding the rotor was
composed from meshes of two diﬀerent types, in
order to achieve the best grid quality with a fast

mesh generation process. A proper block structured
mesh was generated around the blade O-grid. On the
shroud and hub faces, boundary layer meshes were
applied. ANSYS BladeGen and ANSYS TurboGrid
were used to generate and mesh the adjacent domains
of the blade. The quality of the mesh was checked
using the built-in checker of ANSYS TurboGrid and
by means of validation calculations. The mesh in the
blade passage domain, termed ‘passage-domain mesh’
was created only once, and, using ANSYS Fluent nonconformal interfaces,21 was connected to the mesh of
the surrounding domain of each case. The geometry of
the surrounding domain was based on the passagedomain mesh and was extrapolated from it.
A proper block structured mesh was generated with
the aid of H-type boundary and shear layer mesh resolution. Four geometries were developed with diﬀerent
axial clearance sizes by means of ANSYS ICEM.
A good mesh quality and the adequate positioning of
the interfaces were basic requirements. The skewness
of the cells in the surrounding domains was below 0.8.
The volume change and aspect ratios also conﬁrmed
the good quality of the mesh. The mesh can be characterised by a value of yþ < 3 and an orthogonal quality greater than 0.25. At the non-conformal interfaces,
the cell sizes were synchronised. The interfaces were
planar faces and were placed as far as possible from
the observed areas. The two non-continuous meshes
were connected numerically with the aid of the nonconformal interfaces. A multiple reference frame
model was used during the simulations in modelling
the rotation of the moving walls. Typical computations required approximately 14,000–17,000 iterations. The solutions were considered converged
when the scaled residuals of all equations were
resolved below the levels of order of magnitude of
103 and the surface monitors remained practically
constant. Journal ﬁles were used in automating the
calculations. The speed of revolution of the moving
walls was gradually increased to the operational
speed, and then the porous zones representing the
perforated fan cover and the cooling ribs were
switched on.
The cooling ﬂow rate for the axial rotor is derived
as follows
qC ¼ qR  qL

Shroud inlet
Cover
Blow-out zone
Cooling ribs

Rotor
environment
Pipe
Inflow
Blade
Hub

Figure 5. Details of computational domain.13

ð6Þ

Since both qR and qL are sensitive to the axial clearance size – as will be demonstrated later –, the axial
clearance-dependent cooling ﬂow rate has been
judged as a representative indicator of validity of
the CFD tool. Therefore, for CFD validation, the
computed cooling ﬂow rate, i.e. ﬂow rate delivered
toward the cooling ribs, being equal to the inlet ﬂow
rate through the perforation of the front cover, being
dependent on the axial clearance size, was compared
to experimental data. The computed and measured
cooling ﬂow rate values are presented later
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in Figure 9(a). The error bars correspond to the
experimental uncertainty. The fair quantitative agreement between the CFD and experimental data, along
with the proper resolution of the trend of decreasing
ﬂow rate with increasing clearance size, support the
validity of the CFD tool.
The data presented in Figure 9 but not discussed so
far will be referred to in section ‘Semi-empirical model
for ﬂow rate prediction’.
For obtaining qualitative acoustic information on
the eﬀect of axial clearance size, ANSYS CAA tools
for localising BNS, which are based on the steady
CFD results, and which have already been applied
in Horváth and Vad,20 have been used. In using
BNS models, statistical turbulence quantities
computed from RANS results, in conjunction with
semi-empirical correlations and Lighthill’s acoustic
analogy, can give information as to the source of
the broadband noise.21 The acoustic source terms on
the walls have been estimated on the basis of boundary layer parameters, as well as in the free shear
layers. In this way the source terms can be used to
ﬁnd the locations of the noise sources and also compare them, which shows that BNS models provide
useful means by which the prominent noise
generating regions in a ﬂow domain are determined.
Furthermore, BNS models give a means by which different variations of a design can be compared in order
to screen out noisier variations and identify the primary sources of the noise.23,24 The application of this
CAA methodology to industrial axial fans has been
inspired e.g. by the study of Cros and Carbonneau.25

Axial fan design
Aerodynamic design aspects
The following section brieﬂy outlines the methodology and the guidelines applied to the combined,
iterative aerodynamic design and ‘sound design’18 of
the axial ﬂow fan by which the datum radial fan is to
be replaced. The design goal was to provide a cooling
performance represented by the datum radial fan. The
iterative modiﬁcations resulted in the ﬁnal axial fan
geometry presented in Figure 1(b). During the redesign, the rotor environment – i.e. perforated inlet
cover, motor shield, outlet to the cooling ribs – had
to be left unchanged, according to the instructions of
the industrial partner.
Considering the low Mach number in Table 1,
incompressible ﬂow has been considered in fan redesign. The [n, n] data presented in Table 1 were
taken as initial design data. Figure 6 presents the
data couple of diameter and speed factors [, ] in
the Cordier diagram,18 calculated with use of the
[n, n] data in Table 1. The ﬁgure suggests that the
redesign target could be realised by means of a mixed
ﬂow fan – higher ﬂow turning capability – rather than
by means of an axial rotor. Still, an axial rotor was
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Figure 6. Cordier diagram.
Source: reproduced with permission from Vad et al., 2011.12

selected for the ﬁnal conﬁguration, according to the
instructions of the industrial partner, given that it can
be mass-produced by means of a signiﬁcantly more
simple injection moulding device. The demand for
relatively high ﬂow turning forecasts the challenge
of designing an axial ﬂow fan of relatively high
blade load. Highly loaded blades are assumed to
have an increased inclination to generate broadband
noise such as boundary layer and separation noise.
Special attention is to be paid to control such noise
sources in rotor design.
N ¼ 7 has been chosen for the axial fan. An odd
number was intended to be taken for the blade count,
in order to moderate any apparent noise originating
from the interaction of the blades with the four supporting elements of the perforated cover. The eventually chosen blade count is a compromise between (1)
having possibly the least number of blades, for manufacturing simplicity, and for maximising the chordbased Reynolds number, and (2) moderating the axial
extension of the rotor, according to the limitation in
the available space, by applying more blades of moderate axial chord. The controlled vortex design (CVD)
technique,16,26 prescribing spanwise increasing blade
circulation along the blade height, has been applied.
The beneﬁts of the CVD method in the present design
assignment are as follows. (i) The blade sections at
higher radii are better utilised, generating locally
higher axial velocities. This ﬁts to the circumstance
that the cooling fan should perform dominantly at
outer radii, near the location of the cooling ribs. (ii)
The increased performance contribution of blade sections at higher radii also matches the demand of high
speciﬁc performance (see the Cordier diagram in
Figure 6). (iii) In order to moderate the fan noise,
the rotor circumferential speed is to be limited.18 At
a prescribed performance, this can be carried out only
by means of CVD, i.e. by better utilisation of blade
sections at higher radii. (iv) Near the hub, the stall
and aerodynamic blockage are expected to be
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pronounced, due to the presence of the hub and the
motor shield.4 By means of CVD, the hub diameter
can be purposefully reduced, and near-hub blade sections can be unloaded, leading to the moderation of
near-hub loss.
The blade geometry has iteratively been designed,
with consideration of the CFD results obtained for
the various geometries. The CFD-based design has
been carried out for a nominal axial clearance, being
representative from manufacturing and assembling
points of view. The leakage ﬂow occurring in the
nominal axial clearance inﬂuences the incidence to
the leading edge (LE), the 3D interblade ﬂow, and
the ﬂow deviation past the TE. Such eﬀects are to
be taken into account in design, by adjusting the
camber line geometry.
In preliminary design, the air velocity data has
been correlated with linear cascade measurements on
the basis of the reference by Wallis.27 Blade sections
of circular arc camber line and of uniform thickness,
with a rounded LE and TE, have been applied. This
simple geometry is beneﬁcial from manufacturing
point of view. Furthermore, at the low chord-based
Reynolds number, valid for the present case, such
blade sections show better aerodynamic performance
than proﬁled blade sections.18 During the design process, the direction of the blade LE has been adjusted
for achievement of favourable incidence, for moderation of the apparent near-LE separation even at presence of leakage ﬂow.
In the preliminary design state, the eﬀect of downstream blockage, caused by the vicinity of the motor
shield, has approximately been considered on the
basis of Giﬀord et al.4 and Hunt et al.5 Compared
to ﬂow deviation correlations valid for linear cascades,28 signiﬁcantly increased ﬂow deviation from
the blade TE direction was experienced in the CFD

studies, caused by the vicinity of the downstream
blockage (motor shield). This has been compensated
for, by increasing the ﬂow turning capability of the
blading. The interblade ﬂow has been found to be
characterised by a radial velocity occasionally reaching the order of magnitude of that of axial velocity.
Accordingly, the blade sections were designed by
modelling conical stream tubes through the rotor.

Acoustic design aspects
It has been considered that if the blade tip Mach
number is below approximately 0.1, an axial fan without guide vanes can be expected to be less noisy than a
radial fan.18 In order to moderate the fan noise, the
rotor circumferential speed has slightly been moderated18 by reducing dt in comparison to the radial
rotor. Circumferential forward skew (‘sickle-shaped’
blades) has been applied for suppressing the tonal
noise, and for reducing the broadband boundary
layer (and any apparent separation) noise, thanks to
a thinner boundary layer on the suction side of the
highly-loaded blades as well as for achieving aerodynamic improvements. These guidelines were
suggested in Carolus.18 When aerodynamically harmonising the non-radial blade stacking geometry
with the CVD concept, guidelines reported in Vad26
have been taken into consideration.

Axial fan prototyping
The prototype fan has been manufactured at the
Department of Polymer Engineering as outlined in
Figure 7. The designed rotor has been printed on an
Objet Alaris 30 rapid prototyping machine, using a
durable thermoset material. The used polyjet technology applies a layer thickness of 28 mm, which allows

Figure 7. Production chain for prototyping: designing of the rotor with CAD; data transfer via stl file; 3D printing with Objet Alaris
30; assembly.
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for a ﬁne surface ﬁnish and reduces the need for postprocessing. From the ﬁnal CAD design the time
required for the ﬁrst test was less than one day. The
fan was prototyped for both possible directions of
motor rotation (compare Figures 1(a) and (7)).

axial fan is 70% of that of the radial fan, within the
uncertainty range of 5%. Considering identical fan
performance, this implies a total eﬃciency of &1.5t
in comparison to the radial fan. Taking representative
mean values for C/0 and R/0 on the basis of
data ranges in Figure 9(a) and (b) (discussed later),
and considering equation (5), a pessimistically estimated representative mean volumetric eﬃciency of
V ¼ (C/0)/(R/0) & 0.65 has been calculated for
the axial rotor. Taking equation (3) into account, a
representative mean hydraulic eﬃciency h has been
calculated as h ¼ t/V for the axial fan. The comparative eﬃciency data are presented in Table 3. The
values estimated for the radial fan are taken from
Figure 3. It must be kept in mind that the eﬃciency
data are rough estimations. Still, they suggest the
qualitative trend of improvement of both volumetric
and hydraulic eﬃciencies by fan redesign. The eﬃciency data estimated for the axial rotor are far
below the values being valid for regular ducted axial
fan layouts (e.g. V ¼ 0.98, h ¼ 0.80, in Carolus,18
p. 136). This underlines the challenges and demonstrates the possibilities of further improvement of
axial fan design for electric motor cooling.

Discussion of experimental results
As approved by the industrial partner, the experimental work involving the axial rotor and presented in the
paper has been restricted to the activities reported
below. The estimated experimental uncertainties are
reported either in Table 2 or in the text. For the comparative measurements between the radial and axial
fans, the nominal axial clearance has been set for the
axial rotor.

Radial and axial fans: Comparative thermal
camera measurements
In order to judge the cooling performance of the competing fans, measurements were carried out using a
Testo 875-2 thermal camera, with the aid of the
Department of Polymer Engineering, BME, in idle
run of the electric motor, starting from the same initial
state. A representative warm-up process is shown in
Figure 8. It was found that the ‘hot spot’ of the highest
temperature is a proper quantitative indicator of the
warm-up process over the entire cooling rib zone,
selected as the interrogation area. Quantiﬁcation of
the colour scale was intentionally left non-disclosed.
The ﬁgure conﬁrms that the axial rotor has
achieved the design goal: its cooling performance is
identical to that of the radial one, within the range of
experimental uncertainty.

Radial and axial fans: Comparative overall
noise measurements
Comparative acoustic measurements were carried out
in idle run. The acoustic measurements were carried
out with use of a SVANTEK 959 sound and vibration
analyser, supplemented with a SVANTEK SV12L
preampliﬁer, GRAS 40AE condenser microphone
and SVANTEK SA22 wind protection sphere. The
equipment was calibrated by a SVANTEK SV30A
pieso-electric microphone calibrator. The motor was
mounted on a vibration damping board. Three measuring points were taken for each studied case. The
base point was taken as ﬁtting to the axis of rotation,
on the outer surface of the fan cover. The three measuring points were taken on a horizontal plane, at a

Radial and axial fans: Comparison of absorbed
shaft power; efficiency estimates
It has been concluded from the test measurements
that the shaft mechanical power P absorbed by the

(a)

(b)

Δτ

Radial fan, initial

Radial fan, ε = 6000

Axial fan, initial

Axial fan, ε = 6000

ε
Figure 8. Thermal camera studies: (a) examples for thermal camera records; (b) warm-up history.
Source: reproduced with permission from Vad et al., 2011.12
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Figure 9. Trends due to change of axial clearance size: (a) Measured, computed and semi-empirically modelled cooling flow rate; (b)
computed rotor flow rate and pressure difference; (c) computed and semi-empirically modelled leakage flow rate.13
CFD: computational fluid dynamics.

Table 3. Representative approximate shaft
power and efficiency data.

P
t
V
h

Radial fan

Axial fan

P
0.11
0.55
0.2

0.7 P
0.17
0.65
0.25

distance of 0.50 m from the base point: one point on
the axis of rotation, and two side points in a  90 oﬀaxis arrangement. The noise of the electric motor
without rotor and cover was also measured, and its
eﬀect was extracted from the evaluation. The experimental uncertainty, dedicated mainly to repeatability
error due to positioning uncertainty of the microphone, caused the variance of measurement data
within a 1 dB range. The measurements revealed a
7 dB(A) reduction of the A-weighted SPL for the
axial rotor, averaged for the three points, in comparison to the datum radial rotor.

Axial fan: Measurements on axial
clearance-dependent cooling flow rate
The cooling ﬂow rate has been obtained from turbine
anemometer data collected in a measurement pipe
upstream of the perforated cover. The results are presented in Figure 9(a), in the form of C/0, as

function of cx/dt. The measurements reveal that the
axial clearance size has a signiﬁcant impact on the
cooling ﬂow rate.

Axial fan: Measurements on axial
clearance-dependent noise
The radiated noise has been measured for various
axial clearance sizes. The Optinav Inc., Array 24
phased array microphone system, operated by the
Department of Fluid Mechanics, has been used for
performing beamforming studies on the cooling fan
arrangements. The application of this measurement
system in another turbomachinery-related departmental study has been published in Benedek and Tóth.29
The results of the beamforming studies are under processing, and are planned to be reported in a separate
paper. This paper is conﬁned to reporting data
obtained only by a selected single microphone incorporated in the phased array microphone system. It
has been assumed that the noise associated with the
axial clearance-related phenomena can mostly propagate toward the air ﬁeld upstream of the inlet cover
via the perforation. Therefore, the microphone axis
has been aligned on the rotor axis for the measurements presented herein. The microphone has been
set to the distance of 0.36 m from the cover.
Measurements were made with and without the fan
being mounted on the axis. The noise measured in the
case with the removed fan is referred to as background noise. Figure 10 presents the measured SPL
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values relative to the background noise data, for various clearances. The ﬁgure indicates that the axial
clearance size inﬂuences the fan noise. It also suggests
the existence of an intermediate clearance size for
which maximum noise is generated. A third-order
polynomial trend line has arbitrarily been ﬁtted to
the data points, with the intention of making the
trend more visible. Among others, this nonmonotonous trend will be investigated in a detailed
manner in the next section.

Discussion of CFD and CAA results
As indicated by the experimental data in Figures 9(a)
and 10, the axial clearance size inﬂuences the aerodynamic as well as acoustic behaviour of the axial
rotor. For a comprehensive explanation on the underlying physics, CFD and CAA data are presented
herein on the axial rotor for four axial clearance

cx/dt = 1.3 % for CAA
SPL [dB]

cx/dt [%]

Figure 10. Measured SPL data, relative to the background
noise, for various axial clearances.
SPL: sound pressure level; CAA: computational aero-acoustics.

sizes of cx/dt ¼ 0% (zero clearance), 1.3%, 2.5% and
3.8%. The CFD and CAA plots are shown in the
sequence of axial clearance increasing from left
to right.
Figure 11 presents the plots of computed absolute
velocity magnitude and acoustic power level over a
planar inlet section of the computational domain.
The interrogation plane is perpendicular to the axis
of rotation, and is located at the entrance of the cylindrical inner surface of the shroud, downstream of the
rounded inlet rim of the shroud. The arch-shaped
white zone in the plots corresponds to the cross section of the shroud. At zero clearance, the interrogation plane coincides with the inner surface of the cover
at the lowest and the highest radii, and therefore, no
computational data are presented for these regions for
zero clearance. The ﬁgure demonstrates that the leakage velocity peak and leakage ﬂow rate become higher
as the axial clearance increases (upper row). The turbulent leakage jet appears as a dominant source of
noise in the interrogation plane (lower row).
A more comprehensive explanation can be given
on the clearance-related phenomena with use of the
absolute tangential velocity, turbulent kinetic energy,
and acoustic power level plots over a longitudinal section, as seen in Figure 12. The interrogation plane is
parallel to the axis of rotation and intersects the blade
near the tip LE (the blade is viewed in the ﬁgure). The
upper limit of the scale of the tangential velocity
(white colour) corresponds to ut. The inlet ﬂuid ﬂowing nearly axially through the perforated cover interacts with the rotating inlet rim of the shroud. The
tangential velocity plots (uppermost row) reveal that
this interaction results in a rotating separation zone.
The nearly radially inward leakage ﬂow tends to
intensify the detachment of ﬂow from the inlet rim

Figure 11. Viewing the inlet section of the computed domain from the axial direction. Axial tip clearance increasing from left to
right. Upper row: magnitude of absolute velocity; Lower row: acoustic power level.13
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Figure 12. Longitudinal section of computed domain. Axial tip clearance increasing from left to right. Upper row: tangential
component of absolute velocity; Middle row: turbulent kinetic energy; Lower row: acoustic power level.13

of the shroud. The larger the clearance the more
intense the leakage ﬂow, the more extended the rotating separation zone, and the higher the magnitude of
rotation. At the largest clearance, the k plot (fourth
plot in the middle row) demonstrates the presence of
two separate zones of high turbulence past the clearance: (i) the shear layer at the interaction between the
leakage ﬂow and the inlet ﬂow through the cover, (ii)
the rotating separation zone, bounded by the leakage
ﬂow. As the clearance size decreases, these two zones
tend to get closer, and, at a certain clearance size, they
are merged. This mergence phenomenon results in
extremely high local k values, and, accordingly, an
absolute maximum in the local acoustic power level
(second plots from the left in the middle and lowermost rows). Although Figure 11 suggests that the
leakage ﬂow noise tends to intensify with increasing
clearance size, the lowermost row in Figure 12 draws
to our attention that this trend is not monotonous: the
locus of absolute maximum of sound power is present
in the CAA plot of the intermediate clearance size of
cx/dt ¼ 1.3%. This observation is in accordance
with the measurement data in Figure 10 in which
the maximum noise appears near the clearance of
cx/dt ¼ 1.3%, investigated by CAA, as indicated in
the ﬁgure.
The impact of the near-clearance phenomena on
blade aerodynamics and blade aero-acoustics can be

viewed in Figures 13 and 14. In Figure 13, the static
pressure over the blade pressure surface, relative to a
reference pressure, is plotted. According to the presence of the rotating separation zone upstream of the
LE, the incidence angle of the relative ﬂow to the
blade decreases, and so does the blade load. This
results in reduced static pressure values near the LE
on the pressure side, in the radial region where the
rotating separation zone aﬀects the ﬂow incidence.
The larger the clearance size the more reduced the
pressure near the LE, due to a more pronounced
eﬀect of the rotating separation zone and the more
extended the low-pressure region toward lower radii.
In Figure 14, the static pressure, relative to a reference pressure, as well as the acoustic power level
over the blade suction surface, is presented. The
blade unloading eﬀect due to the rotating separation
zone, aﬀected by the clearance size, is also visible here
in the static pressure diagrams. At zero clearance
(upper row, ﬁrst plot), a pronounced suction eﬀect
is visible near the LE, followed by an adverse pressure
gradient as one moves toward the TE. In the suction
side blade tip-shroud corner, near the LE, a zone of
nearly constant static pressure can be detected. This
suggests the presence of a separation zone that is
probably due to local blade overloading caused by
the negative dihedral.30 Increasing the clearance, the
suction eﬀect and the adverse pressure gradient,
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Figure 13. Pressure surface of blade. Axial tip clearance increasing from left to right. Static pressure, relative to a reference value.13

Figure 14. Suction surface of blade. Axial tip clearance increasing from left to right. Upper row: static pressure, relative to a
reference value; Lower row: surface acoustic power level.13

manifesting the blade load, tend to decrease, and tend
to conﬁne to lower radii. As seen in the acoustic
power level plot for zero clearance (lower row, ﬁrst
plot), the separation zone near the tip LE appears as a
source of peak noise. As the clearance increases, the
leakage ﬂow tends to energise the separation zone. As
a result, the noise associated with the separation zone
is moderated. The zone of highest acoustic power level
tends to extend toward lower radii, with lower values
of maximum surface acoustic power level.
The observations related to the acoustic power
level plots in Figures 11, 12 and 14 suggest the existence of an acoustically unfavourable intermediate
clearance size for which maximum noise emission
can be expected. This is in accordance with the measurement data in Figure 10.

Semi-empirical model for flow
rate prediction
A semi-empirical model is intended to be developed
for prediction of volumetric loss associated with the

leakage ﬂow, i.e. leakage ﬂow rate, and for prediction
of cooling ﬂow rate. A preliminary version of the
model is documented herein. This model can contribute to performance prediction during the design of
axial fans used for electric motor cooling.
pR is the diﬀerence between mass-averaged static
pressures downstream and upstream of the rotor.
According to the blade unloading eﬀect discussed
using Figures 13 and 14, pR is expected to decrease
with increasing clearance. This trend can be observed
in the CFD-based  R/ R0 plots in Figure 9(b).
An exponential trend line ﬁts the data points well,
as presented in the ﬁgure. The related exponential
function is used in further modelling, fulﬁlling the
asymptotic condition of pR ! 0 if cx/dt ! 1.
The ﬂuid rotates in the clearance. The front wall of
the clearance, i.e. the cover, is motionless. The rear
wall of the clearance, i.e. the inlet rim of the shroud,
rotates at an angular speed !. As a ﬁrst approximation, it has been assumed that the ﬂuid in the clearance rotates at a mean angular speed of !mean ¼ !/2.
A radial pressure gradient develops in the clearance.
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The resultant pressure diﬀerence p! acts against
pR in driving the leakage ﬂow. p! is expressed
from the following approximate relationship, based
on the radial component of Euler equation
@p p!
v2
¼
¼  u mean ¼  Rmean !2mean
@R R
Rmean


dt R !2
þ
¼
2
2
2

ð7Þ

The pressure diﬀerence driving the leakage ﬂow is
as follows
pL ¼ pR  p!

ð8Þ

It is assumed on the basis of the Bernoulli equation
that a leakage ﬂow of velocity vL develops through the
clearance
sﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃ
2pL
vL ¼


ð9Þ

It can be shown that the hydraulically equivalent
diameter of the clearance, taken as 4 times the mean
cross section in the clearance divided by the wetted
circumference (over the two peripheries of the clearance), is 2 cx.
The leakage ﬂow is contracted in the clearance. The
contraction coeﬃcient CC, being dependent on 2 cx
and R (i.e. diameter and length of a hydraulically
equivalent cylindrical Borda mouthpiece) is approximated on the basis of Dong and Lienhard.31
The leakage ﬂow rate is predicted as follows
qL ¼ 2 Rmean  cx CC vL

ð10Þ

Figure 9(c) makes a comparison between the leakage ﬂow rate data supplied by the CFD tool as well as
predicted using the semi-empirical model (‘Model’ in
the ﬁgure). Despite the simplifying assumptions made
in the model, a fair agreement is observable.
The cooling ﬂow rate is to be calculated according
to equation (6). As shown in Figure 9(b), qR varies
with the clearance size. At this preliminary state of
semi-empirical modelling, qR is taken brieﬂy as
qR  q0. This implies, considering equation (6), the
following approximation
qC ¼ q0  qL

ð11Þ

The semi-empirically modelled cooling ﬂow rate is
presented in Figure 9(a) (‘Model’ in the ﬁgure).
Although the trend of ﬂow rate decrease is fairly
well represented by the model, it gives a conservative
(pessimistic) estimation on the cooling ﬂow rate: the
data obtained from the model are below the measured
ones. The following ways of improving the model are
envisaged, in the sequence of anticipated importance:

(i) Semi-empirical modelling of qR, instead of the
approximation of qR  q0, in equation (6) (conf.
Figure 9(b)). (ii) A more accurate consideration of
CC in equation (10). (iii) An appropriate extension
of Bernoulli equation, represented in equation (9),
to friction losses, e.g. loss at clearance inlet to the
clearance. (iv) A more accurate consideration of
eﬀect of rotation in the clearance, instead of the
approximation of !mean ¼ !/2 in equation (7). The
model improvement is to be based on further CFD
studies, focussing on the aforementioned details.

Summary
A CFD- and CAA-based iterative design has been
carried out in order to obtain an axial fan replacing
the radial fan used presently for electric motor cooling, in order to reduce fan noise and absorbed mechanical power, whereas retaining the original cooling
performance. The paper outlines the purposeful, problem-speciﬁc 3D controlled vortex design of the axial
fan blades. Testing of the datum radial rotor and the
axial rotor was carried out with the incorporation of
aerodynamic, energetic, thermodynamic and acoustic
experiments. The measurements revealed an approximately 30% reduction of absorbed mechanical power
and an approx. 7 dB(A) reduction of the A-weighted
sound pressure level for the axial rotor, relative to the
radial one, while the cooling performance remained
unchanged. The novelty content of the paper is summarised as follows.
1. Extending the measurement-based experience on
radial fans, the characteristic and eﬃciency
curves – including total, hydraulic and volumetric
eﬃciencies – have been presented for a radial rotor
with radially adjusted straight blades, incorporated in an electric motor cooling layout. Both
h and V were found to be relatively low in comparison to usual radial fan arrangements. V was
found to increase nearly linearly with volume ﬂow
rate. This reﬂects the trend, that the lower the
throttling of the fan, the lower the inclination of
the fan to have reverse ﬂow in the clearance
between the rotor and the cover.
2. Adding to the open literature on axial fans,
detailed CFD and broadband-noise CAA data
have been reported for the redesigned axial
rotor, for various axial clearances between the perforated inlet cover and the inlet rim of the rotor
shroud. This data plays a primary role in the
investigation of axial rotor aerodynamics and
acoustics in an electric motor cooling layout.
3. Based on the CFD data, the following comprehensive explanation has been given on the mechanisms through which the size of axial clearance
size aﬀects the aerodynamic performance of the
axial fan. The ﬂuid entering via the perforated
cover interacts with the rotating inlet rim of the
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shroud. This results in a rotating separation zone.
The inward leakage ﬂow tends to intensify the
detachment of ﬂow from the rim. The rotating
separation zone causes a moderation in ﬂow incidence angle to the blades, and thus, moderation in
blade load and in pressure rise occurs. The larger
the axial clearance size, (i) the more intense the
leakage ﬂow rate, leading to deterioration of cooling ﬂow rate, (ii) the higher the rotation and larger
the extension of the rotating separation zone, and
(iii) the more pronounced the eﬀect of deteriorating the ﬂow incidence to the blades, the blade
load, and the pressure rise.
4. With concerted evaluation of the CFD and CAA
data, the leakage ﬂow-related noise generation
phenomena have been investigated, such as (i)
noise of the turbulent leakage ﬂow, being
intensiﬁed with axial clearance size, (ii) mergence
of high-turbulence regions (shear layer at the inlet,
rotating separation zone), apparently causing a
maximum in the local acoustic power level at an
intermediate clearance size, (iii) noise related to a
separation zone in the blade tip-shroud corner
over the suction surface, being attenuated with
axial clearance size. Based on these studies, and
conﬁrmed by measurements, it has been concluded
that an acoustically unfavourable intermediate
axial clearance size exists, for which maximum
noise emission can be expected.
5. A preliminary version of a semi-empirical model
has been elaborated, with the aid of the CFD studies, for prediction of clearance size-dependent
ﬂow rate. The model fairly well predicts leakage
ﬂow rate. The model provides a conservative (pessimistic) prediction on the cooling ﬂow rate. The
way for further developing the model has been
outlined.
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Appendix
Notation
cx
CC
dt
k
LW
Ma
N
p
pt
pL
p0 cover
pR

pt
p!

P
q
R
R
Re
ut
v
vL
vu
vx
yþ

"

h
t
V
!


axial clearance between the inlet rim of
shroud and the perforated cover (m)
coefficient of contraction
blade tip diameter (m)
turbulent kinetic energy (m2/s2)
acoustic power level (dB)
tip Mach number: ut per speed of sound
in air at 20 C
blade count
static pressure (Pa)
total pressure (Pa)
pressure difference driving the leakage
flow (Pa)
static pressure drop through the perforated cover (Pa)
difference of mass-averaged static pressures downstream and upstream of the
rotor (Pa)
total pressure rise (Pa)
static pressure difference through the
clearance in radial direction, due to
rotation (Pa)
shaft power input (W)
volume flow rate (m3/s)
radius, radial coordinate (m)
radial extension of clearance (m)
Reynolds number: ut dt divided by air
kinematic viscosity at 20 C
blade tip circumferential velocity at
nominal speed (m/s)
absolute velocity (m/s)
leakage flow velocity (m/s)
tangential component of absolute velocity (m/s)
area-average of axial component of
absolute velocity (m/s)
wall normal cell size (in wall units)
diameter factor ¼ 0.5 0.25 at
(nearly) the best efficiency point
normalised time: time (s) multiplied by
rotational frequency (Hz) at nominal
speed
hydraulic efficiency
total efficiency
volumetric efficiency: t/h
angular speed of the rotor (1/s)
flow coefficient: volume flow rate/
(utdt2p/4)
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S





total pressure rise coefficient: massaveraged total pressure rise/(ut2/2)
rotor static pressure difference coefficient: pR/(ut2/2)
suction total pressure coefficient: (massaveraged total pressure upstream of the
fan in the measurement pipe minus
atmospheric pressure)/(ut2/2)
fluid density (kg/m3)
speed factor ¼ 0.5 0.75 at (nearly)
the best efficiency point
normalised temperature change: temperature change  air isobar specific
heat  air mass flow rate/motor nominal shaft power, for n, at 20 C

Subscript
a
C

atmospheric (ambient) condition
cooling volume flow rate: flow rate
delivered toward the cooling ribs,
representing the cooling performance

down
is
L
mean
n

pipe
R
up
0

downstream of rotor
isentropic condition
leakage volume flow rate: leaking back
through the axial clearance
mean value in the clearance
nominal condition of the radial fan
(Figure 3, Table 1), to be used in
redesign
in the measurement pipe
rotor volume flow rate: flowing through
the rotor
upstream of rotor
reference condition for the axial fan
obtained in CFD simulation for zero
axial clearance

